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1. INTRODUCTION

Scope
This study introduces two methods of drying biomass for the boilers. The first one dries biomass
for the use of the boiler plant itself and the second one also dries it to the market. When burning
wooden biofuels in small-scale boilers one problem is moisture and its variation. The boiler
plants provided with a dryer are most useful as they create new possibilities to expand the
exploitation of pro-environmental fuels. The latter, i.e. the method of drying bio fuel to the
market in connection with district heat production, gives advantages to end-users and the
production plant.
Combining a dryer with the boiler plant makes the system complex. In addition to the dryer, a
minimum of one heat exchanger is required. Design parameters, such as heat demand for the
boiler, outdoor air temperature and moisture content of fuel vary such an extent that the designer
of this kind of a system faces the following questions: What are the critical combinations of input
parameters in dimensioning? Which type of heat exchanger is suitable for flue gas or for drying
exhaust gas as the primary flow? How to dimension the boiler, dryer and heat exchangers
considering their operational interdependencies? Modelling is needed for predicting the thermal
behaviour of this complex system. This study develops and uses models that improve
understanding of the thermal performance of the main components of a boiler plant equipped
with dryer. Modelling also helps evaluate the usefulness of different construction alternatives for
the main devices. It helps to size them, to search for suitable operation parameters and to
understand interdependencies between the boiler, dryer and heat exchangers.
The devices and fluids related to this study are shown with grey raster in Fig 1. Also, the other
most common drying media and heat sources for the air are shown. This study is about a crossflow type convective moving bed dryer using warm air as a drying medium. The bed is vertical
and the fuel flows down gravitationally. The air is heated either with boiler water or flue gas.
When it is heated with flue gas, the air is pre-heated with heat from exhaust drying gas. Besides
drying air, it is also possible to heat combustion air by this arrangement. A pipe-bundle heat
exchanger is used with flue gas and a flat plate heat exchanger with exhaust drying gas. The
usability of counter-, cross- and parallel-flow type of heat exchangers is analysed. The boiler
under study is of a grate type. The convection part of the boiler is analysed. Two types are
included, one with round tubes and the other with rectangular ducts containing an array of
longitudinal rectangular fins.
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Moist chips
Medium
Steam

Boiler

Convection
part

Heat source
Flue gas
Boiler water
Dryer
Exhaust
heat
gas
recovery

Flue gas
Air

Combustion
chamber

Primary steam
Waste heat sources

Dried chips for market

Dried chips for own use

Flue gas
heat
exchanger

Figure 1. Boiler plant system with dryer and heat exchangers.
The dimensioning process of the equipment in a boiler plant is shown in Fig. 2. The topics which
are discussed in this study are shown with grey raster. Energy and mass balance models give
useful information of the boiler system. Two auxiliary models are needed with the energy and
mass balances models. These models and their sources are:
• Properties of gas mixtures [1]
• Mass and energy balance of combustion [1, 2, 3]
They are based on the methods described in handbooks; hence, they are not described in this
study. Energy and mass balance models are a prerequisite for the models to dimension the heat
and mass transfer area. Two other auxiliary models are also needed:
• Heat transfer in the combustion chamber [1, 4]
• Pressure drop of flow [1, 5]
For brevity, these auxiliary models are not described in the review.
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Performance demands
Budgeting
Regulations of the authorities
Design practice recommendations
System selection

Energy balance calculations
Mass balance calculations

Equipment dimensioning
* Heat transfer area
* Mass transfer area
* Pressure loss

Technical and economical comparisons
* Investment costs
* Running costs
* Technical limiting conditions

Are the objectives
accomplished?

No

Yes
Equipment selection
Design documents
Invitation documents for tenders
Detailed planning of excecution phase

Figure 2. The progress of design process of the boiler plant.
Background
There is an increasing consensus that the activities of man are contributing to the green house
effect, hence resulting in an unfavourable impact on the environment. In the production of
energy, the portion of wood-based fuels has grown and will grow because of their large CO2neutrality. This makes the low-quality fuels an increasingly interesting potential resource also in
the small-scale heat production. The Ministry of Trade and Industry in Finland has set an
expansion goal of 300 % for the use of forest chips from the year 2002 to the year 2010 [6].
Forest residue is available from clear-cut final felling at a most reasonable price. This fraction is
widely used in power plants and in large-scale district heating boilers. However, the challenging
expansion goal also requires harvesting a large amount of whole-tree and stem-based chips from
thinnings. These fractions are more expensive and therefore better suited for local small-scale
heating purposes at a relatively short transportation distance. The scope of this study is on this
scale. Grate firing is common in boilers of this scale, e.g., in large public buildings like nursing
homes, offices and schools, or in small district heating networks. The increasing use of forest
chips shall also expand market for grate firing boilers.
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Moisture content (MC) is one of the main concerns about the combustion of wood chips in the
grate boiler plant [7]. The MC of the fresh forest residue may exceed 60 % (wet basis) in clearcut storages in Scandinavia during winter [8]. On the other hand, with the transpiration drying
method it may fall below 30 % in favourable drying conditions [9]. In the timber and carpentry
industry the moisture content of by-products may be less than 10 %. Moisture needs to vaporize
in the combustion chamber, and hence MC affects the construction and size of the boiler. The
other two dimensioning parameters are the outdoor air temperature and the heat demand of the
heating network. Outdoor air temperature varies from about -30 to 30°C in Southern Finland
during the year. It affects directly the heating demand of the combustion air and the heat losses of
the boiler house. If the boiler plant is equipped with a warm air fuel dryer, the effect of outdoor
air temperature on the internal energy consumption increases drastically. Outdoor air temperature
also affects the heat demand of the heating network. In summer, heating power may be needed
only for producing warm tap water and covering heat losses in the pipe network. During the low
consumption period of water, this heat load is insignificant in comparison to the load required for
space heating on the coldest days. A typical guarantee value for the load variation of the grate
firing boiler is 20 - 100 % in unmanned operation. A practical lower limit of 30 % of the peak
load on the high quality performance is reported in Sweden [10], even though the boilers often
operate at a lower load. The large range of these three dimensioning parameters (MC of fuel,
outdoor air temperature and heating load) combined with the increasing requirements for
efficiency, clean combustion and reliability make the design of a boiler plant challenging.
To get more homogeneous fuel, moisture content may be lowered by storing the fuel outside
before delivering it to the boiler. In the Scandinavian climate, drying the residue in the clear-cut
storages or landing storages needs at least one summer season and even then the result depends
on the temperature and relative humidity of ambient air and precipitation, among other things.
Further, the foliage and needle content decrease, which causes dry matter loss. The shedding of
foliage and needles is often good from the viewpoint of soil nutrition, such as peat land forestry
in particular. There, the nutrition decrease is critical to annual growth and it is possible to
compensate for it by returning the ash back to the forest when collecting fresh residue. Mineral
land forestry is more problematic because the lack of nitrogen limits annual growth. In
combustion, nitrogen is released into the atmosphere and the benefit of returning ash decreases
[9]. Another possibility is to dry chips in piles or bins, for example. With this drying method, the
volatile hydrocarbons are emitted into the air in gas phase and leached into the ground by
precipitation [11]. Also respiration of living cells and the metabolic rate of microbes lead to dry
matter loss. The amount of such dry matter loss is not yet well known as for drying the forest
residue in landings or clear-cut storages, but obviously it is smaller than in the case of drying
chips. The transpiration drying method is especially advantageous in spring and in summer
because it decreases rather rapidly the amount of water available for the living cells and
organisms.
An alternative and complementary approach is to dry chips with special drying equipment. The
drying media may be such as unheated outdoor air, flue gas, hot air or steam, and there are
numerous solutions for the construction of the dryers [12, 13, 14]. Drying decreases biological
degradation of the fuel and increases the heating value of bio-fuel. In some cases it is possible to
use waste heat for drying. It is estimated that waste heat drying could result in a 25 % increase of
the bio fuel potential in the forest industry in Sweden, without resorting to cutting more wood
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[14]. If the increasing use of bio fuel compensates for the use of fossil fuels, drying has a
favourable impact on the CO2 emissions. A bio energy combine concept is suggested for
upgrading fuel by drying in the context of CHP plants. In this concept, the CHP plant is
integrated with pellet production [15].
Wood chip boiler plants with external dryers are still an exception. A common solution is to dry
fuel inside the boiler on the grate. However, in a small-scale there are plants designed for either
dry or wet chips, but not for both. If the boiler plant is equipped with an external dryer, the fuel
supplied into the boiler may be homogenous even if the MC of the fuel as received varies greatly.
Convection drying is the most common biomass drying process [16]. Bed drying is evaluated to
be the most suitable technology for wood based bio-fuel both from the technical and commercial
point of view [14]. The drying air temperature should be under 100 ºC, if the exhaust gases from
the dryer are released into the atmosphere [17]. This is due to the hydrocarbon emissions, which
increase rapidly, if the drying temperature increases [18]. Drying of porous material has been
extensively researched, but calculation comparisons with experimental results concerning deep
bed drying of the wood chips have rarely been presented.
The heat transfer problem from single-phase flue gas to boiler water through the walls of the
round tubes is a classic one. Heat transfer correlations based on laboratory measurements are
widely published and available [1, 19, 20, 21]. Aung, Kakac and Shah have extensively
summarized the previous work in [22] and Aicher and Martin have proposed a method taking into
account the effect of natural convection [23]. The effect of the entrance region based on the
laboratory experiments is discussed in several sources [1, 19, 20, 21, 24, 25]. However,
implementing the correlations to describe the performance of the whole equipment adapted for a
specific purpose with large operational range requires experimental work. The experiment result
of the biomass boilers are shown in [26].
Besides the tubes another common construction of the convective heat exchange section consists
of a rectangular duct with an array of longitudinal rectangular fins for flue gas and a smooth
outside surface for water. Many researchers have studied the thermal performance of extended
surfaces during the past eight decades. In [27] and [28] previous studies are summarised in the
context of defining the optimum dimensions of different fins. In the literature, the calculation of a
finned surface is presented for a clean fin [19, 20, 21, 29]. Fouling from a gaseous stream has,
however, a significant effect on the energy efficiency of the boiler [30]. The heat transfer surfaces
of the convection section are inclined to fouling because of the fly ash and soot on the flue gas
side and because of the boiler scale on the waterside. Fouling reduces heat transfer because the
thermal conductivity of ash, soot and boiler scale is lower than that of steel. Therefore, a
simplified calculation of the heat transfer rate for a fin element with a fouling layer is needed.
Further, an assumption of equal temperature of the plate and the base of the fin is usually applied,
even if its verification is not considered.
The content of chapters
Chapter 2 describes the sizing strategy of the biomass boiler and the effects of fuel moisture on
the performance of the boiler. It is shown that the heat produced by the base load biomass boiler
may actually decrease even if its maximum heat power increases. The amount of the energy
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produced by the biomass boiler depends on the share of the peak load and also on the minimum
available load of the boiler. It is also shown that the oxidation time increases drastically if the
temperature of the combustion chamber goes below approximately 750 ºC. The two abovementioned alternatives of boiler plants with a dryer are introduced. The energy and mass flows of
the plant, which produces chips also to the market, are discussed. The idea to use the reserve
heating effect for drying is the principal technical novelty of this study.
Chapter 3 discusses the construction, operation and modelling of the cross-flow type convective
warm air dryer. Two models are described, the simplified energy and mass balance model and the
deep bed model. With the former the power demand at different stages of drying icy wood chips
is calculated. The deep bed model is based on the shrinking core single particle model developed
by Jaakko Saastamoinen [31] and improved by him in Paper II. The single particle model is
implemented into the model of the deep bed. Then the drying bed is divided into computational
cells for which the mass and energy balances are solved numerically. The profiles of MC and
temperature of the fuel as well as RH and temperature of the drying air are calculated with this
model.
Chapter 4 concentrates on the convection section with tubes and the rectangular convection
section with fins. It appears that the results of the model and measurements differ significantly if
the ratio of tube length to inner diameter is small. The most probable reason is assumed to be the
inaccuracy in the correlation of the entrance region. A model for the fouled fin is described. Both
convection sections with tubes and with rectangular finned flow channels are analysed with the
models. The effects of the design parameters are illustrated with graphs.
In Chapter 5 two heat exchangers are described and modelled, a pipe-bundle type flue gas heat
exchanger and a flat plate type drying exhaust gas heat exchanger. Fouling is detected as a major
problem with the flue gas heat exchanger, especially if the water vapour in flue gas condenses.
Condensation is unavoidable with the counter flow type, and the heat output of a parallel flow
type is insufficient. Therefore, a type where cross-flow elements are arranged as mixed-flow is
found applicable. Fouling is a problem also with the heat exchanger recovering heat from dryer
exhaust gas. Therefore, a dust collector between the dryer and the heat exchanger is needed. A
parallel flow heat exchanger type is found most appropriate for the heat recovery heat exchanger.
With the parallel flow type no risk of freezing occurs.
The Papers are prepared within a rather long period in context of three different projects with
different aims and partners. Therefore also the method of treatment differs in Chapters. The
model of convection section, for example, is explained more detailed than other models because
the aim of the respective project was to achieve a dimensioning tool for boiler designers.
The energy and mass balance as well the bed models for a dryer have been verified by
measurements conducted in the laboratory test rig at Satakunta University of Applied Sciences.
Tests were performed with varying heights of the fixed bed, wood species and initial MC and
drying air temperature and velocity. Long-term practical operation results were collected in a 40
kWth pilot plant in Nakkila and in a 500 kWth demonstration plant in Kullaa. A model for the
convection section with tubes was verified by laboratory measurements of the 50 kWth pellet
boiler in the laboratory of the manufacturer in Saarijärvi and by field measurements of the 4000

17

kWth wood chip boiler in Suomussalmi. A model for the finned convection section was verified
by laboratory measurements of the 300 kWth wood chip boiler in the laboratory of VTT in
Jyväskylä and by field measurements of the 500 kWth demonstration plant and 1000 kWth wood
chip boiler in Vierumäki. A model for the tube-bundle type flue gas heat exchanger was verified
by measurements on the 40 kWth pilot plant and the 500 kWth demonstration plant. A model for
the flat-plate type exhaust drying air heat exchanger was verified by measurements on the 500
kWth demonstration plant. All results of the experiments are described in Papers I…III and
V…VI. Only the results of the measurements for the convection section are shown in this review.
This is because the model of it was the only one, indicative of a significant difference between
the results of the model and those of the measurements. All other models gave results in
reasonably close accordance with the verification measurements.
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2. BIOMASS BOILER PLANT
2.1 Design aspects of the boiler plant

Sizing of the boiler
In Finland the duration of very cold outdoor air temperature is typically short. The share of the
annual energy use during the high heat demand period is small. Also, grate fired boilers are more
expensive than light oil boilers, for example. In consequence, a grate-fired biomass boiler is often
dimensioned for the base load whereas a light oil boiler is chosen as a peak load and a standby
boiler. The share of the peak load is often approximately 40 - 60 % for a grate fired boiler, and its
share of the total produced energy does not notably increase, even if its share of the peak load
increases. On the contrary, it may even decrease, see Fig. 3.
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Figure 3. The share of produced energy as a function of the share of heat effect and minimum
heat load as a parameter (Paper IV).
Figure 3 is calculated on the basis of heat demand duration typical of a small district heating
network in Finland. Here the minimum load for a biomass boiler stated in the warranty clause is
often approximately 20 %. It is difficult to spread a small amount of fuel evenly on the grate and
to achieve a good mixing of a small amount of combustion air with pyrolysis gases. These
problems result in incomplete combustion and low efficiency. A practical limit of 30 % of the
peak load on the high quality performance is reported in Sweden [10]. There is also a fire risk
during a very low load.
Effects of moisture in the fuel
Figure 4 illustrates the effect of moisture content (MC) in fuel on the efficiency of the boiler. The
result is based on the energy balance calculations. The higher the MC is the lower the adiabatic
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combustion temperature is and the higher the mass flow rate of flue gas. Thus, the heat output
and the efficiency of the boiler decrease with increasing MC. However, if the outlet temperature
of the flue gases is below the dew point of the water vapour, the efficiency calculated in
accordance with the LHV (lower heating value) of the fuel begins to increase, when the MC
increases. This is because the water vapour of the flue gas condensates and releases heat into the
boiler. The turning point of the efficiency curve shows the dew point temperature of the flue gas.
In the example in Fig. 4 the combustion air temperature is 0 ºC, relative humidity of the
combustion air 60 %, excess air ratio 1.4 and dry fuel composition CH1.466N0.009O0.633. Similar
calculations are presented in [32, 33].
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Figure 4. Efficiency ratio depending on the flue gas temperature and moisture content of the fuel
(Paper I).
The temperature of the combustion chamber decreases, if the MC of the fuel increases because
energy is needed to evaporate water. Further, to remove the evaporated water a higher flow rate
of primary air is needed which cools down the chamber. The temperature drop has disadvantages
as for the thermal performance and emissions of the boiler.
In Fig. 5 on the left is shown the construction of the grate-fired warm water boiler. On the right
are shown O2 and H2O concentrations and the computational temperature, T1, in the lower part of
the combustion chamber. The gas phase CO oxidation rate during combustion depends on the
temperature and the CO, O2 and H2O concentrations in the combustion chamber [34]. In Fig. 2.3
on the right are shown the temperature, T2, and the CO oxidation time in the upper part. If the CO
is not totally oxidized in the lower part of the combustion chamber because of insufficient mixing
or delay time, the oxidation time increases strongly in the upper part combustion chamber when
the moisture content of the fuel exceeds 50 %.
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Figure 5. The construction of a grate firing boiler, 99 % oxidation time of CO and the parameters
affecting it (Paper IV).
The initial volumetric concentration of CO in the calculations is 0.5 % and the final one 0.005 %.
A completely mixed flow in the upper part of the combustion chamber is assumed. The oxidation
time is calculated with the method described in [34]. The mean temperatures in the lower and
upper parts of the combustion chamber are calculated with the method described in [1]. If the
mean temperature is lower than 800 ˚C the oxidation time begins to increase rapidly, and if the
temperature is lower than 740 ˚C the oxidation time exceeds the delay time in the upper part of
the combustion chamber of the boiler under review.

2.2 Biomass boiler plant with dryer and heat exchangers
2.2.1

Drying of fuel for the own use

Problems due to high MC of the fuel are avoidable if the boiler is equipped with a dryer that
operates in parallel with the boiler, see Fig. 6. Three additional components are needed: a flue gas
heat exchanger, a drying silo and a heat recovery heat exchanger for the exhaust gas of the drying
silo.
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Figure 6. A schematic diagram of the boiler plant with the dryer (Paper III).
The drying air is heated in the recuperative heat exchanger using the heat of flue gases. Then, hot
air is blown through the fuel bed in the drying silo, where the fuel dries, and the air cools and is
humidified. The heat of the exhaust air from the silo is recovered for preheating the drying air
and for combustion. This is beneficial because the enthalpy of the exhaust air from the drying silo
is high. The boiler is an ordinary warm water boiler designed for dry bio-fuels. The drying air
temperature is kept at the set value by regulating the flue gas cooling effect and the volume flow
rate of drying air. The control strategy is described detailed in Paper III.

2.2.2

Drying of fuel for market

An alternative approach is to dry fuel not only to own use but also to the market. The degree of
upgrading the product increases when the fuel is also sieved. A maximum heat effect is needed
for a short time while the rest of the time reserve effect is used to dry the fuel. The principal
schema of the boiler plant with a dryer and a sieve is shown in Fig. 7. The dryer is connected in
parallel with the heating network. The fuel used in the boiler is a mixture of wet unsieved chips
and dry reject fraction from the sieve.
This kind of arrangement gives farmers or other members of energy co-operatives, for example, a
chance to earn extra income. One large boiler using low quality fuel produces high quality fuel
for many small-scale boilers. The load of a large boiler is more stable than that in the traditional
district heating use. Therefore, controlling of the combustion is improved and the problems of a
minimum load use are avoided. This method has also indirect advantages. It brings savings in
investments, because the boilers of small-scale users can be designed smaller and simpler due to
the high quality of fuel. The grate area and the volume of combustion chamber decrease. The
higher the temperature of the combustion chamber and combustion gases are, the smaller the heat
transfer surface area needed in the boiler. Homogenous fuel enhances possibilities for accurate
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control of combustion, which improves the efficiency and reduces pollutant combustion
emissions from the small boilers.
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Figure 7. Principal schema of the dryer and sieve in a boiler plant (Paper IV).
Fig. 8 shows the energy available for drying chips to the market. Availability depends on the
share of the biomass boiler effect and on the dimensioning of the dryer. The maximum heat
demand of the network is 1 MW.
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Figure 8. Heat demand of the heating network and the dryer depending on the dimensioning of
the dryer. The boiler is dimensioned for the peak load of the network (on the left), or for a half of
it (on the right) (Paper IV).
More detailed information about the mass flow rates and main components of the system are
shown in Table 1.
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Table 1. The volume flow rate of chips, mass flow rate of drying air and basic information of
drying air fan and drying silo. The numerical values on rows A1 – C1 differ from those in Paper
IV where they in error represent values of drying air temperature 70 °C.

A1
B1
C1

Wet chips
Incoming
m3/a
7827
11790
13136

Own use
m3/a
5683
6332
6541

Dried chips
To market
m3/a
2144
5458
6594

Drying air
Mass flow rate
kg/s
1.8
3.6
5.4

Fan
Power
kW
1.9
3.8
5.7

Energy
MWh/a
10.0
13.9
13.7

Drying silo
Face area
m2
3.8
7.6
11.3

A2
B2
C2

25433
41988
46022

9497
12443
13082

15936
29545
32940

4.0
8.0
12.1

4.3
8.5
12.8

35.8
53.9
51.1

8.5
17.0
25.5

A2*
30367
10681
B2*
43108
12873
C2*
44388
13067
* Drying air temperature 70 ºC

19686
30235
31321

7.7
15.3
23.0

7.4
14.9
22.3

59.1
72.5
62.5

14.9
29.8
44.6

The MC of incoming fresh forest chips is assumed to be 50 %, drying air temperature 100 ºC
(besides the cases marked with *). Chip amounts are expressed in units of loose-m3. The density
of dry material is assumed to be 150 kg/loose-m3. The amount of reject depends on the raw
material and on the properties of the chipping machine. It has to be deducted from the amount of
dried chips to the market. On the other hand, this reject reduces the incoming mass flow of wet
chips because the boiler uses this residue fraction itself.

2.3 Discussion

It is well known that because of the high investment cost a biomass boiler is often dimensioned
for the base load. However, in Fig. 3 is shown that purely from the point of view of maximum
energy production, the optimal share of the peak load is 60 - 70 %. This is, when the minimum
load is 30 – 20 % of the peak load. The energy share of the biomass boiler is then 89 - 93 %.
With the approach in Fig. 3 it is possible to get an estimation of additional bio-fuel use if the
minimum load decreases.
Increasing MC may increase CO- emissions as shown in Fig. 4. It also increases primary
combustion air flow due to drying the fuel. With a higher primary air flow rate, also the NOx
emissions tend to increase [35]. On the other hand, the increasing air flow rate cools down the
combustion chamber. This may decrease thermal NOx. Decreasing NOx emissions have been
measured with the increasing fuel MC [36].
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A screw feeder or hydraulic pushing chutes supply fuel to the boilers with an inclined grate. The
height of the fuel bed is adjustable. The grate is subdivided into equally sized steps. In small
boilers and with reasonably homogeneous and dry fuel, fixed grates are used where fuel flows
downwards gravitationally, see Fig 5. In travelling grates every second step is fixed while the
steps in between move forwards by means of hydraulic pistons pushing fuel over the edge to the
next step. The ignition front has been assumed to take place at the surface of the bed by radiation
from flames and refractory surfaces above the bed. However, it has recently been shown that the
ignition front locates more probably at the surface of the grate [37]. When the boiler begins to
receive wetter fuel, the combustion temperature and the rate of propagation of ignition on the
grate decrease. This is valid regardless of the location of the ignition front. According to
measurements for wood chips and peat the grate area required for complete combustion increases
by approximately 120 % when the moisture content of the fuel increases from 30 to 60 % [38]. If
combustion air temperature increases, the propagation velocity of the ignition front in the fuel
bed and the heat effect of the boiler increase.
Table 1 shows useful interdependencies in the system design. Firstly, the amount of chips to the
market increases with the increasing drying air mass flow rate, but not linearly as in the case of
the fan power and dryer face area. The amount of marketable chips grows from 65 and 85 %
when the capacity of the dryer increases by 100 % (i.e., from one third to two thirds of the full
capacity), in other words from case A1 to B1 and from A2 to B2, respectively. With an equal
increase in capacity from B1 to C1 and from B2 to C2 the growth is only 9.6 and 11.4 %,
respectively. On the other hand, compared to the incoming amount of chips the share of
marketable chips increases with the increasing drying capacity. This is because with the greater
drying capacity the use of drying energy is emphasized during the warm season. The same
feature relates to the drying air fan. Even if the size of the drying air fan increases linearly with
the increasing capacity of the dryer, the need for a fan energy does not. This is because the
greater the capacity of the dryer is the longer the time the fan operates at a partial load. It is
possible to optimise the capacity of the dryer taking into account the investment costs. Secondly,
drying also enables the biomass boiler to take an increasing share of the peak load. The problem
of a minimum load can be avoided by using the energy for drying in summertime. This is
profitable because the specific heat demand is relatively low during the warm season and oil can
be replaced with the cheaper biomass in the case of an oil-fired secondary boiler. Therefore, the
size of the biomass boiler can be included in the optimisation. Thirdly, modelling gives
possibilities to study the effects of changing operational parameters. Contrary to expectations,
decreasing the drying air temperature from 100 to 70 ˚C may increase the amount of marketable
chips. For instance, in the case of one third of the full capacity (from A2 to A2*) the increase is
23.5 %. From the point of view of dimensioning the components there is also an optimum for the
drying air temperature. When increasing drying air temperature the needed size of the heat
exchanger increases. On the other hand the drying time and the subsequent size of the dryer
decrease.
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3. DRYER
3.1 Modelling
3.1.1 Energy and mass balance model

The dryer is a cross-flow type convective warm air bed dryer, see Fig. 9. The fuel is led into the
drying silo by a conveyor and spread evenly by a screw. Then the fuel flows down gravitationally
and is led into the boiler by the screw feeder. The cross-section of the silo is rectangular and the
longer sides are constructed from a perforated plate with small holes. The hot drying air is blown
through the holes and the fuel bed. The water vapour evaporating from the fuel particles cools
and humidifies the drying air so that it is almost saturated when leaving the silo. The construction
of the silo is based on the experimental study concerning the 40 kWth pilot plant, where several
alternatives were investigated [39].
Moist biofuel

Dried biofuel
Boiler

Figure 9. Scheme of the drying silo in the demonstration plant of Pori Forest Institute (Paper I).
The modelling of the silo is simplified so that heating and melting the ice, heating the particles
and evaporating the water are assumed to be successive. In reality these stages are partly
simultaneous because of the different sizes of particles and the cross-flow type of the silo. Small
particles may be almost dry while the large ones still include water. Particles may be almost dry
near the surface while they might be still icy in the middle. In the front of the silo the particles are
dry while in the back they still are icy or moist. During the stages of heating and melting the silo
is treated like a heat exchanger. During the stage of evaporation the exhaust air is assumed to be
saturated. The structure of the dimensioning model is shown in Fig. 10.
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Figure 10. The principle of dimensioning calculations of the drying silo (Paper I).
The mass flow rates qa1…qa3 of the air needed for heating and melting the ice, heating up the
wood and remaining water to the final temperature (t6) are achieved by means of energy
equilibrium calculations, using the mass flow rate, initial and final moisture content (ω1 and ω2,
respectively) and temperature of fuel as input data. The mass flow rate of air (qa4) needed to
evaporate the water (∆qw) is calculated by assuming the outlet air of the evaporation stage
saturated (ϕ5) and the state of the drying air changing along the curve of constant enthalpy. The
total mass flow rate of the air needed is the sum of the mass flow rates of different stages added
with the mass flow rate of evaporated water. The outlet temperature of the air (tmix2) is the mixing
temperature of the outlet temperatures of different stages.

3.1.2

Modelling of the deep bed

The silo is divided into small computational cells, for which the mass and energy balances are
solved, see Fig. 11. The output values of one cell are input values for the next cell. The heat and
mass transfer rates are calculated using the Single Particle Model in Paper II. The gas flow is
assumed one-dimensional; the ratio of the particle size to the length of the test rig test was small
and the bed sufficiently deep. The plug flow assumption is applied. Fuel homogenisation before
feeding to the dryer is needed to avoid lumps causing channelling of the gas flow. The heat
conduction, diffusion and mixing in the flow direction is assumed negligible in the bed in
comparison with the convective flow. In cross-flow the vapour from drying the particles will
cause some distribution in the gas mass flow rate, but the deviation from one-dimensional
assumption is small.
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Figure 11. Procedure and notes of the deep bed modelling (Paper II).
The procedure of modelling is: 1. The silo is divided into small computational cells, 2. The heat
and mass transfer rates are calculated for one spherical particle in the middle of the cell. 3. The
heat and mass transfer rates for a single particle are combined with the heat and mass balance of
the cell and solved numerically, 4. The output values of one cell are input values for the next cell,
and no iterative calculations are needed due to the cross-flow principle of the dryer.
The moisture balance between fuel and air in the cell is given by, when ∆x, ∆y , ∆z → 0
m& ′g′, x

∂Y
∂u
= −m& ′f′ , y
= m& ′s′S ′′′ ,
∂x
∂y

(1)

The term on the left describes the change in moisture content of the drying air flowing through
the cell. The term in the middle shows the corresponding change of the moisture content of the
fuel while the term on the right expresses the evaporation mass flow in the cell. In Paper I this is
treated in a simpler way using empirical function based on the laboratory measurements
The total energy balance of the cell for ∆x, ∆y, ∆z → 0 , yields:
∂T
Y  ∂Tg
Y
 1 − 2Y

 ∂Y
+ cv
= m& ′′f , y ( c f + ucw ) f + m& g′′, x  lv + cv
= hc S ′′′ (Tg − Ts )
m& g′′, x  ca
Tg − T f ) 
(

1
−
Y
1
−
Y
∂
x
∂
y
1
−
Y



 ∂x

(2)

The term on the left describes the decrease in the sensible heat of the flowing air and the first
term in the middle shows the increase in the sensible heat of the fuel. The second term in the
middle consists two parts: the energy needed for the evaporation and the energy needed to heat
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the evaporated amount of water from the fuel temperature to the air temperature. The term on the
right expresses the rate of the heat transferred from the air to the fuel particles.
The heat transfer rate is calculated in the middle point of the cell with the single particle
modelling using the reported correlation [40, 41] for the heat transfer coefficient. Partial
differential equations (1) and (2) are discretized and then solved numerically with the equations
of a single particle. If the partial pressure of water vapour is greater in the air than at the
evaporation front, the vapour starts to condensate on the surface of the particle, see Fig. 14.
In Paper I the vaporizing mass flow rate was calculated simpler by using the mass transfer
coefficient k, which is yielded from the heat and mass transfer analogy and is a function of
convective heat transfer coefficient α, Lewis number and exponent n. Lewis number is a quotient
of Prandtl number and Schmidt number. Below the critical moisture content the rate of
vaporizing mass transfer decreases due to the internal mass transfer resistance of the particle.
This is tried to take into account by the function based on the laboratory measurements.
3.2 Analyses
3.2.1

Energy and mass balance
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The energy demand of the heating and evaporating stages depending on the temperature of
outdoor air is shown in Fig. 12.
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Figure 12. The components of heat power demand of the drying air in a 1 MW boiler plant at
different outdoor air temperatures. The bars on the right describe the heat demand of the different
stages strictly and on the left the power needed to heat up the drying air is allocated for the stages
(Paper I).
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No heat is recovered, the initial and final moisture contents of fuel are 60 % and 35 %, and the
temperature of the drying air is 90 ºC. The demand for heat at different stages changes a little,
depending on the temperature of ambient air. The only greater change is at a temperature of 0 °C
because of the melting heat of ice. However, the outdoor air must be heated to rather high a
temperature for heating and evaporating purposes. This is why the heat demand for warming up
the outdoor air strongly depends on the ambient temperature.
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The influence of outdoor and drying air temperature and initial moisture content on the heat
demand is shown in Fig. 13. The final moisture content is 20 %.
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Figure 13. Influence of outdoor air temperature, initial moisture content and drying air
temperature (td) on the specific heat demand of drying (on the left), and the drying air mass flow
rate as a function of drying air temperature (on the right) (Paper IV).
The sorption heat is not notable because the final moisture content is near the fibre saturation
point of wood. This and the heat losses of the drying silo are omitted in calculations. The outdoor
air temperature is 0 ˚C and the starting moisture content is 45 % when calculating the drying air
mass flow rate.
The influence of the drying air temperature on the heat demand is not strong, even if the needed
drying air mass flow rate reduces strongly with the increasing drying air temperature. The
specific energy consumption is smaller at high temperature than it is at low air temperature in
wintertime, but the situation is the inverse in summertime.

30

3.2.2

Deep bed

Profiles of temperature of drying air and fuel particles, moisture content of fuel, and RH of
drying air are shown in Fig. 14.
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Figure 14. Scheme of changes in the moisture content (ω0=51.8 %, wb) of fuel, relative humidity
(ϕ0= 2.7 %) of drying air and temperatures of air (Ta,0=354 K) and fuel (Tf,0=293 K) (Paper II).
The values of the initial and final stages are shown and the intermediate stages are between the
border lines, respectively. In the right upper corner of the silo the moisture content of wood is
higher than in the beginning, because the water vapour condenses on the surface of the particle.
On the other hand, particles may have very low moisture content in the lower front part of the
silo. Most of the water seems to evaporate in rather a narrow diagonal area.

3.3 Discussion

Drying a fixed bed of material is clearly a two-stage process for the deep bed, if the short initial
heat-up period is not considered. This can be seen in the experimental results in Paper II, and it is

31

illustrated more clearly in Fig. 15. At the first stage, the air outlet temperature is constant as
shown by the measurements and also predicted by the model. Then air at the outlet is practically
saturated and the drying rate (mass release of water from the fixed bed) is constant and the
average (mixing) moisture content (dry basis) decreases linearly as shown in Fig. 15. At the
second stage, the outlet temperature starts to increase and the humidity to decrease. The rate of
drying decreases reaching finally the equilibrium moisture, if the drying time is long enough.

T, u, ϕ
u = u0
ϕ=100%
Tg,0

ϕ1
u

Tg,1

ϕ0
tc

TIME

Figure 15. Temperature and relative humidity of outlet air from the fixed bed. Here, 0 and 1
denote inlet and outlet conditions, respectively (Paper II).
There are several factors that are not very well defined for wood chips used in practice such as
anisotropy, cracks, size and shape distributions. How to define the size and shape of an irregular
particle is also a question. Drying the fuels of different sizes can be compared by choosing a
suitable size criterion such as the average shortest dimension of the particles. Another way is to
reduce a particle to an equivalent sphere with a diameter = 6 × volume/surface area. Then the
additional heterogeneous factors are included in the effective diffusivity Dp of the fuel particles,
which is not size dependent. The shape could be characterized by sphericity [41]. The future
more advanced modelling could take into account the distributions in size and sphericity of the
material. These simplifying assumptions may have an adverse effect on the results.
The size and shape of the chips are inherently inhomogeneous. They flow downwards by gravity
in the silo the longer side of which is partly made of a perforated plate with 3 mm holes. The first
challenges in developing work were to get the chips to flow evenly in the silo and to prevent
vaulted cavities forming in the silo (in other words, to the plug-flow both for air and particles). If
the residence time of the wood chips changes at different locations in the silo, the drying rate
decreases. To reach the plug-flow satisfactorily, several improvements in shaping and modifying
the silo and the screw feeder were needed.
Laboratory measurements were performed for various bed materials, bed depths, and temperature
and flow rates of the drying air. The results are described in detail in Paper II. The model
describes drying of the silo accurately enough for product development purposes. The calculated
rate of evaporation compares well with the measurements but the air temperature differs more. In
the opinion of the authors the main sources of inaccuracy of the assumptions mentioned above
are the plug-flow assumption and the estimation of heat transfer area (chips treated as spherical
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particles). On the other hand the thermocouples were placed inside the bed and the difference
may also be partly due to inexact position of thermocouples or their attachment to particles.
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4. CONVECTION SECTION OF THE BOILER
4.1 Convection section with tubes
4.1.1

Modelling

The heat transfer coefficient of the flue gas side controls the heat transfer rate of a convection
section. It consists of radiation and convection, hg=hr+hc. The radiation heat transfer is decisive
in the combustion chamber, but it is less significant in the convection section. This is due to the
small diameter of the tubes, a relatively low temperature, and a small amount of fly ash as well as
small concentrations of emitting gas components of CO2 and H2O [1]. Initial and final
temperatures are typically in the range of 250 - 600 °C and 100 - 250 °C, respectively. The
convection heat transfer coefficient is calculated with Eq. (3)
hc = Nuk g / d

(3)

For a fully developed turbulent flow, the correlation of Petukhov, Kirillov and Popov is applied
[22].
At the entrance region, the heat transfer is more efficient in comparison with the fully developed
turbulent flow because of the undeveloped velocity and temperature profiles. A general Eq. (4)
for the relation of the mean Nusselt number in the entrance region, z (= l/di) < 60, and the Nusselt
number for fully developed turbulent flow have been presented in [19, 22]. In this study, this
relation is called the Nu correction factor.
Nu / Nut = 1 + C / z m

(4)

The values of constants C and m depend on the configuration of the entrance. By choosing the
most appropriate configuration as compared with the case of the convection section of the pellet
boiler, Gnielinski proposes C = 1, m = 2/3 [24], Grass C = 2.3, m = 1 [25], Mills C = 2.4, m =
0.68 [20] and Sukomel C = 0.83, m = 0.67 (z < 15), C = 0 (z≥15) [21]. To illustrate the effect of
the entrance region, these four are compared in Fig. 16.
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Figure 16. Mean Nu correction factor of the entrance region for turbulent flow depending on the
dimensionless tube length (Paper VI).
The flue gas cools down in the convection section, and its velocity and fluid properties change all
along the tube. To improve the accuracy of the model, the tube is divided into an optional number
of computational cells in the direction of the flow, if needed. Therefore, the Nu correction factor
is solved from Eq. (4). The mean and local Nusselt numbers are shown in Eq. (5).
z

Nu = Nut (1 + C / z m ) = z −1 ∫ Nudz

(5)

0

This yields for the local Nu

Nu = [1 + (1 − m)Cz − m ]Nu t

(6)

Integrating Eq. (6) from zi to zi+1, a mean Nusselt number for each part of the tube can be
calculated, Eq. (7)
Nu z i+0 .5 = Nut [ zi +1 − zi + C ( zi1+−1m − zi1− m )] /( zi +1 − zi )

(7)

The correlation equations for laminar flow and mixed convection are shown in Paper VI.
The energy balance Eq. (8) is solved numerically.
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−m& g c p (Tg , zi+1 − Tg , zi ) = hg Ai (Tg − Tsi ) =

nπ ( zi +1 − zi )d i
(Tsi − Tso ) = hw Ao (Tso − Tw )
ln( d o / d i )
+ Ro
Ri +
2k p

(8)

The heat transfer coefficient of the waterside, hw, is assumed constant, because it is typically one
order of magnitude greater than hg. The heat transfer resistances of the fouling layer and the heat
conductivity of the tube wall material are input data. Other input data are the mass flow rate,
initial temperature and composition of the flue gas. When calculating the Reynolds number,
kinematic viscosity is calculated at the mean temperature of the bulk flow, while other heat
transfer properties are calculated at the mean temperature of the boundary layer. The properties
are calculated according to the molar composition of the flue gas with the method described in
[1].

4.1.2

Experiment

The performance of the convection section of the 50 kWth wood pellet boiler was measured at the
laboratory of Thermia Ltd in Saarijärvi and that of the 4000 kWth wood chip boiler on the
Suomussalmi site in Finland. The fuel source for the latter (exp. 3 - 7) was a mixture of 60 - 80 %
wood chips, 0 - 30 % bark and 10 - 20 % REF.
The measured results of the final temperature and the heat transfer rate of the convection section
are compared to the predictions produced by the model in Fig. 17. The boilers were run at a
constant heating load. Each of the presented temperatures is the mean value of a measuring
period of 30…70 minutes.
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Figure 17. Comparison of measured and calculated temperatures, and relative difference between
the calculated and measured heat transfer rate of the convection section. Values of the pellet
boiler are on the left and those of the wood chip boiler on the right (Paper VI).
The heat transfer resistance caused by fouling is omitted from calculations because the pellet
boiler was new and the wood chip boiler had recently been swept. Establishing the final
temperatures and the heat transfer rates of the convection section constitute the main results of
the calculations. The entrance region is taken into account in accordance with Eq. (10) where the
constants, C, and, m, are defined as referred to by [20, 21] and [24], see Fig. 4.1. The
dimensionless length, z, of a tube is 19.1 on the pellet boiler and 60.1 on the wood chip boiler. On
the pellet boiler the calculated temperature after the first pass is 84 to 109 ºC higher than the
measured one and after the second pass 37 to 53 ºC, respectively. The mean heat transfer rate is
37 to 44 % smaller than the measured rate, when using correlations from references [20] and
[21], respectively. To correct the values of the constants in Eq. (10) they were chosen so that the
mean heat transfer rate would be accurate enough in comparison with the measured values. There
are several options for values C and m of which C = 5.7 and m = 0.6 were chosen. With these
values the relative difference between measured and calculated heat transfer rates varied between
-1.1 to 2.5 % in all cases.
Contrary to the above, the accuracy of calculations for the wood chip boiler is good. The
calculated final temperatures differ by -6 to 2 ºC from the measured ones in Exp. 4 - 7, and by 10

37

to 17 ºC in Exp. 3. The calculated heat transfer rates differ by -5.1 to -1.5 % from the measured
ones in Exp. 4 - 7, and by 6.8 to 11.1 % in Exp. 3. Experiment 3, which was carried out on the
first day differs from the others. The experiments were performed on three subsequent days, and
thermocouples were removed at the end of each day and duly reinstalled the following day. The
installation may have been erroneous the first day. Nevertheless, when including all results, the
mean value of magnitude of the relative difference in the heat transfer rate is 3.7 %. Therefore, no
correction to the values of C and m is needed.

4.1.3

Analyses

Five analyses are described, one concerning the method itself, and four demonstrating the
designer’s possibilities to exploit a simulation method for optimising the construction. All
analyses are calculated for the pellet boiler with a full load condition being the starting point and
with constants C = 5.7 and m = 0.6.
The effect of different factors on the heat transfer is shown in Fig. 18. The effect of radiation,
forced convection (fully developed turbulent flow and entrance region) and free convection are
taken into account.

200
Heat transfer rate [%]

Heat transfer rate [%]

200

150

100

50

100

50

0

0
150

150

200

250

300

350

400

Initial temperature [C]

450

500

0

50

100

150

200

250

Mass flow rate [%]
Rad. + FDTFC + EER + Free convection
Rad.+ FDTFC + Effect of entrance region (EER)
Rad.+ Fully dev. turb. flow convection (FDTFC)
Radiation

Figure 18. Change in heat transfer rate of the convection section with varying initial temperature
and the mass flow rate of flue gas. Full load case is shown with a black symbol.
The correction factor of the Nusselt number is independent of the mass flow rate and of the flue
gas temperature. Thus, the relative effect of the entrance region on the heat transfer should be
constant. However, this is not true in either of the cases as is shown in Fig. 18. This is because
the heat transfer rate includes the effect of radiation. On the left, the portion of the radiation of
the whole heat transfer rate increases, and the effect of the convection and thereby that of the
entrance region decreases, when changing the flue gas initial temperature from 185 to 485 ºC.
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Radiation also has an effect in the case of changing mass flow rate, on the right. When the mass
flow rate increases, the radiative heat transfer increases concurrently with the mean temperature
of the flue gas. However, the increase of the convective heat transfer is stronger, and the relative
portion of the radiation decreases significantly when increasing the mass flow rate from one third
to double value of the full load. The effect of entrance region increases.
The effect of natural convection is small and mostly reducing the heat transfer, but at minimum
mass flow its portion is approximately 14 % of the total heat transfer rate.
The next four analyses depict the designer’s possibilities to exploit the simulation method for
optimising the construction.
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When using straight and smooth tubes, the designer is able to change three geometrical
parameters of a tube: number n, length l, and diameter d. In Figures 19 and 20 the parameters
vary but the initial data is the same as in Tab 1, Exp.1 in Paper VI.
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Figure 19. Effect of dividing the convection section into 1, 2 or 3 passes (on the left) and effect of
using different tube diameters (on the right). To the right, total cross-section area and inner heat
transfer surface area of tubes remain constant (Paper VI).
The convection section of the pellet boiler has two passes. The effect of dividing it into one or
three passes is shown in Fig. 19 on the left (n, d and total l are constant). The tube diameter and
the heat transfer area are constant. It means that with one pass the tube length is double and with
three passes it is 2/3 compared to the reference case. With three passes the heat transfer rate
increases by 6 %, and with one pass it decreases by 11 %. The final flue gas temperature
decreases by 10ºC and increases 19 ºC, respectively. This is caused by the effect of the entrance
region. However, the gradient of the heat transfer rate decreases when the number of passes
increases whilst Fig. 16 would suggest an increase in gradient. The reason for this is that
concurrently with the decreasing difference in temperature between flue gas and water the heat
transfer rate also decreases.
The pressure drop becomes double when adding the number of passes from 1 to 3. Hence, the
inlet and the outlet of the tubes dominate the pressure drop. The pressure drop due to friction for
the entire tube length is equal to the pressure drop of the inlet and outlet of one pass.
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The outer diameter of the pellet boiler tube is 60.3 mm. Tube diameter is changed using one
larger and three smaller ones (see Fig. 19 on the right). The inner heat transfer area and the cross
sectional flow area are constant (i.e., also n and l of the tubes change). When decreasing the
diameter the initial bulk flow velocity stays constant, but the Reynolds number decreases and the
friction factor slightly increases. It also follows that the value of Nu decreases but not
proportionally to the diameter. Therefore, the relative heat transfer rate increases more than the
pressure drop. It means that, using a smaller diameter; the heat transfer area can be exploited in a
more efficient way. Modern bio-fuel boilers have an impeller for combustion air or flue gas so
that natural draft is not the only force driving the flow. In principle, the selection of tube diameter
is a question of economic optimisation.
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In Figure 20 the heat transfer area is changed using two different methods. On the left, the
number of tubes n varies (d and l are constant), and on the right, d and n vary keeping the total
cross-flow section area of the tubes constant (i.e. l and initial v are constant).
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Figure 20. The effect of decreasing or increasing the number of convection tubes from the
original value n = 6 (on the left) and decreasing or increasing the heat transfer area from the
original value (on the right) (Paper VI).
The heat transfer rate decreases by 15 % when the number of tubes decreases from the original 6
to 2, and the rate increases by 9 % when the number of tubes increases from 6 to 14, see Fig. 20
on the left. The gain with 8 additional tubes is smaller than the loss with 4 tubes less. The inner
heat transfer coefficient decreases due to the decrease in flue gas velocity when the number of
tubes is increased. Secondly, the mean temperature difference between flue gas and boiler water
decreases which decreases the heat transfer rate. On the other hand, the pressure drop increases
by 800 % and decreases by 75 %, respectively.
When the heat transfer area is increased, keeping the total cross-flow section area of tubes
constant the heat transfer rate increases more than in the previous case, see Fig. 20, on the right.
The increase is 16 % when the heat transfer is doubled from the original value A = 2.03 m2. This
is because the changes of the inner heat transfer coefficient are smaller due to the constant initial
velocity of the flue gas. Unlike the previous case, the pressure drop changes in the opposite
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direction because the friction factor increases with decreasing tube diameters. However, the range
of the pressure drop is smaller, from 92 to 125 % when the heat transfer increases from 56 to 200
%.

4.2 Rectangular convection section with fins
4.2.1

Modelling

The initial data for modelling are the geometry of the finned surface and the mass flow rate, the
initial temperature and composition of flue gas, and the temperature of the boiler-water, see Fig.
21.
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Figure 21. Schema of the model of a fin element (Paper V).
Heat transfer in a single fin can be derived from stationary heat balances in Eqs. (9) and (10), on
the assumption that heat conduction in the fouling layer is negligible in the direction parallel to
the fin (x-direction).

φ xf = φ xf+ dx + dφ f cd

(9)

dφcdf = dφcvf = ( P + 4sdg )dx (Tg − T f ) / (1/ α g + sdg / λdg )

(10)

A change in the heat transfer rate inside the fin can be calculated with Eq. (11), on the
assumption that the thermal conductivities and cross sections of the fin and the fouling layer are
constant, and further that the temperature gradient is positive and conduction is a diminishing
function in the x-direction.
d 2T f
dφ xf
= −λ f A f
dx
dx 2

By using notations

(11)
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m 2 = ( P + 4 sdg ) / λ f Af (1/ α g + sdg / λdg ) 

(12)

and

θ = Tg − T f

(13)

the differential equation describing the temperature change along the fin becomes
d 2θ
− m 2θ = 0 .
dx 2

(14)

Assuming a constant heat transfer coefficient from the tip to the base of the fin the boundary
condition at the tip is

−λ f

dθ
dx

=θ

x =l

/ (1/ α g + sdg / λdg )

(15)

x =l

The base temperature is assumed to be known

θ

x =0

= θ b = Tg − Tb

(16)

The rate of heat transfer of the fin can be solved

φbf = λ f mAf

sinh ml + ( p / m ) cosh ml
cosh ml + ( p / m ) sinh ml

(Tg − Tb ) .

(17)

where
p = 1/ λ f (1/ α g + sdg / λdg ) 

(18)

Assuming that both the thickness of the fouling layer and the heat transfer coefficient are constant
for the entire element (plate + fin) and that the heat conductivity of the element is infinite in the
direction of the plate (y-direction), the base temperature of the fin is equal to the surface
temperature of the plate (Tsg = Tb), and the heat transfer rate to the plate is

φ p = Ap (Tg − Tb ) / (1/ α g + sdg / λdg ) .

(19)

It also follows that the surface temperature of the waterside Tsw is uniform and, hence, heat
transfer of the entire element is

42

φbf + φ p = ( Af + Ap )(Tb − Tw ) / (1/ α w + sdw / λdw + s p / λ f ) .

(20)
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An opposite assumption is that the thermal conductivity of the plate is zero in the y-direction. In
that case the heat transfer of the fin and that of the plate must be calculated separately. The actual
solution is somewhere between these two ultimate assumptions, because the heat conductivity in
the homogenous material is equal in the x and y directions (λf,y = λf,x). The results calculated
according to these two assumptions were compared with the results from the commercial
ANSYS-program, which uses a numerical two-dimensional finite element method [42]. The
comparison is shown in Fig. 22.
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Figure 22. A comparison of the heat transfer rate (on the left) and the corresponding surface
temperatures Tsw (on the right) between three methods (Paper V).
Initial data in Fig 4.7 is: αg = 25 Wm-2K-1, αw = 500 Wm-2K-1, Tg = 600 ˚C, Tw = 80˚C, λf = 52
Wm-1K-1, l = 50 mm, a = 50 mm (y = 0→50 mm), sf =4 mm, sp = 6 mm, sdg = sdw = 0 mm.
On the assumption that λf,y = ∞ (plate at uniform temperature) the heat transfer rate is closer to the
result of the FEM calculation than when assuming that λf,y = 0 (fin and plate separately), see the
bars on the left. The latter gives the smallest rate of heat transfer, especially for the fin. On the
assumption that λf,y = 0, the surface temperature Tsw rises unrealistically high at the fin, see the
right graph. This decreases the heat transfer rate of the fin. Elsewhere the temperature Tsw is
lower than with other methods. Further, on the assumption that λf,y = ∞, the temperature Tsw is
constant and between the extreme values of the FEM calculation, which is shown in detail on the
right axis. The case of a fouled fin is shown in Fig. 23.
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Figure 23. A comparison of the heat transfer rate of a fouled fin between FEM and the simplified
method (on the left) and the corresponding temperature field using the FEM calculation (on the
right), where temperatures are in ºC (Paper V).
The data for fouling in Fig. 23 is sdg = 2 mm, sdw = 0 mm, λdg = 0.12 WK-1m-1, other initial data is
similar to the data in Fig. 22.
The simplified method with a fouled fin gives a 3.6 % higher heat transfer rate than the FEM
calculation. The difference was 3.7 % with the clean fin in Fig. 22. The case of a fouled fin in
Fig. 23 is similar to the case of a clean fin in Fig. 22 as far as fluid flows and geometry are
concerned. Thus, in this example the fouling layer reduces the heat transfer rate by 24.7 %.

4.2.2

Analyses

In the model the pass of the convection section can be divided into an optional number of
computational cells in the direction of the flue gas flow. The calculation algorithm is based on the
simultaneous numerical solving of the enthalpy change and the total heat transfer rate of the
finned plate elements and end walls.
−m& fg

∂h
= n (φbf + φ p ) + φ ep
∂z

(21)

The heat transfer rate of the end walls is calculated analogically with the plate. The heat transfer
coefficient of the waterside is assumed constant. The heat transfer coefficient of the flue gas side
is calculated by the method described in Section 4.1.1 by replacing the diameter with a hydraulic
diameter of dh = 4Acs/U. The heat transfer coefficient is assumed to be constant in the entire cell,
and the temperature of the ambient flue gas is assumed uniform at the whole cross-section (= at
the plate and along the height of the fin).
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In Fig. 24 a sensitivity study of the heat transfer rate of the element (plate + fin) is shown when
the values of some key parameters are changed one by one from one fourth to the fourfold of the
assumed typical value.
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Figure 24. The effect of some parameters on the heat transfer rate of an element (plate+fin)
(Paper V).
The assumed typical values at point 100 % in Fig. 24 are αg = 25 Wm-2K-1, αw = 500 Wm-2K-1, λf
= 52 Wm-1K-1, λdg = 0.1 Wm-1K-1, sdg = 0.25 mm, sdw = 0 mm.
The heat transfer coefficient of the gas side has the strongest influence on the heat transfer rate,
and the thermal conductivities have the weakest influence.
However, the thickness of the fouling layer grows in the course of time, increasing the fuel
consumption. Typically, the operation staff can only observe the flue gas exhaust temperature.
With the simulation it is possible to calculate the relationship between the flue gas temperature,
loss in the heat transfer rate and thickness of the deposit, see Fig. 25. This helps estimate the
appropriate cleaning periods, taking into account the fuel consumption and the cleaning costs.
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Figure 25. The relative heat transfer rate of the convection section and the final temperature of
flue gas as a function of thickness of the deposit (Paper V).

4.3 Discussion
Convection section with tubes
A significant difference between the measured and calculated heat transfer rates of the wood
pellet boiler was found. The most probable cause for this is assumed to be the inaccuracy in the
correlation of the entrance region. Firstly, the full-scale equipment differs from the experimental
apparatus used in the laboratory setting. When compared to those in the literature, the clearest
difference is in the configuration of the entrance region. Secondly, the accuracy was good in the
wood chip boiler in which the effect of the entrance region is insignificant (z = 60.1). An
adequate accuracy was also achieved on air-flue gas heat exchangers with long tubes (z = 81) in
Paper III. Further still, Neshumayev et al. have found a similar feature during the measurement of
one 200 kWth oil-fired boiler and a 20 kWth wood pellet boiler. The experimental convective heat
transfer was higher than that obtained using the calculation data. Neshumayev et al explain the
difference by the presence of strong entrance effect (Neshumayev et al. 2003). Thus, correcting
the calculation addresses the constants C and m in Eqs. (6)…(9). Unfortunately, the experimental
program was not extensive enough to come to a definite conclusion. CFD modelling could have
given more information on the thermal performance of the entrance region, but it was not
possible to do within this study. The fluctuation of the flue gas flow is considered as one possible
reason for the difference in the Paper VI. It has been suggested that the unsteadiness of the flow
could increase the heat transfer [53, 54], but also controversial results have achieved [55]. The
oscillation of the flow is not measured in this study, and therefore the possible effect of it is not
studied further.
The model offers optimization possibilities to the designer. There are, however, practical
limitations on the construction. First, the demand for thermal efficiency and the risk of local
condensation of water vapour set an upper and lower limit for the flue gas temperature,
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respectively. Secondly, the convection section must have a self-cleanable feature, which sets a
minimum flue gas velocity and an upper limit for the diameter. Sweeping is difficult on small
diameter tubes which sets a lower limit for the diameter. Thirdly, manufacturing technology,
transportation, and installation delimit the shape and size alternatives. After selecting valid
alternatives, it is possible to calculate their thermal performance and pressure drop. In addition to
this, decision-making requires taking manufacturing and material costs into account. The model
is also suitable for water boilers using different fuels with no limitation on the size of the boiler.
It also offers a sizing strategy, but additional validation measurements are needed if the
dimensionless tube length is short and the shape of the convection section differs from the tested
one.
The portion of radiation is 3 - 13 % of the whole heat transfer rate at typical biomass boiler
conditions. The portion of the effect of entrance region is 39 - 52 % in the pellet boiler and the
effect of natural convection is small mostly reducing the heat transfer, but at a minimum load it
reached up to +14 %.
Dividing the convection section into more passes causes the heat transfer rate to increase, even if
the heat transfer surface area is constant. This is because the effect of the entrance region
multiplies.
The heat transfer area is exploited in a more efficient way by using smaller tube diameters, even
if the bulk velocity of the flow remains constant. The increase in the heat transfer surface area by
increasing the number of tubes increases the heat transfer rate only slightly. This feature is in
accordance with the well-known Reynolds analogy [19, 20]. By reducing the diameter
concurrently with an increased number of tubes, it is possible to keep the cross-flow area constant
and achieve a greater improvement to the heat transfer rate.
Rectangular convection section with fins
The model of a finned convection section includes several simplifying assumptions. Firstly, some
of them have a minor influence on the result. The thermal conductivity of the plate-fin element is
assumed to be infinite in the y-direction. This leads to uniform base and plate temperature. The
FEM calculation leads from 2 to 6 % lower values of the heat transfer rate in a wide range of
initial data. Hence, by multiplying the result by a constant factor of 0.96, the accuracy is always
at least ±2 % compared with the FEM calculation. Thermal conductivity of an element is an input
value in the program. It is known for the applied material and the influence of changes from one
quarter to the fourfold of a default value of 52 WK-1m-1 is -20 to 9 % in the heat transfer rate,
respectively, see Fig. 24. The conductivity is assumed to be independent of temperature, which is
a usual idealizing assumption [27, 28, 43]. According to [1] the difference of the conductivity is
10 - 15 % between at the tip temperature and at the base temperature. The convective heat
transfer coefficient of the waterside is assumed to be constant; it is also an input value in the
simulation program. The impact of changing it from a default value of αw = 500 Wm-2K-1 to 125
and 2000 Wm-2K-1 is -25 and 9 % in the heat transfer rate, respectively. The first value is
unrealistically low for heat transfer from hot surface to water, a range of 300…600 Wm -2K-1 is
reported to be appropriate for free convection [4]. In that case, changes in the heat transfer rate
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are -10 and 3 %, respectively. Thus, the changes anticipated in the waterside heat transfer
coefficient have only a small effect on the heat transfer rate.
Secondly, the assumptions and the initial data concerning fouling are both uncertain and may
have a significant effect on the result, see Figs. 22, 23 and 24. Fouling is modelled in Ch. 4.2.1 by
its thickness and thermal conductivity. The effect of fouling is often known only for its effect on
the total heat transfer rate. In such a case, fouling is described as a heat transfer resistance (=
fouling factor R). However, in an illustrative simulation program, it would be easier for the user
to perceive the mean thickness than the heat resistance value of fouling. Hesselgreaves prefers the
use of conductivity and thickness for practical reasons. In this approach, it is possible to take
simultaneously into account the demands for acceptable decrease in heat transfer and increase in
pressure drop [44]. The thermal conductivity of boiler scale components is greater than that of the
ash on the flue gas side, though a wide range of variety is given both for ash and actual boiler
scale [20, 21, 45, 46, 47]. The assumptions of constant thickness of a fouling layer and its
negligible heat conductivity in the direction parallel to the fin, Eq. (11), are theoretical. The
former may cause a significant error but the latter probably not, because it is for 1 - 3 orders of
magnitude lower than the conductivity of the fin.
Thirdly, it was found difficult to estimate the heat transfer coefficient of the flue gas side having
the most significant effect on the results. Radiation of the radiating gas components CO2 and H2O
has been included in the model, but radiation between the fin and the plate is excluded. The effect
of gas radiation was found to be 3 - 10 % of the total heat transfer, because the temperature and
concentration of radiating components are relatively low and the effective thickness of the gas
layer is small. Convective heat transfer coefficient is assumed to be constant along the height of
the fin. Mokheimer has found a marked improvement on the fin efficiency under natural
convection by using a variable heat transfer coefficient [48]. Naik et al. have measured threefold
to fourfold values of the local Nu number at the tip of the fin compared to the base of it in
turbulent forced convection, if there is a clearance above the fin [49]. However, the distance
between adjacent fins in our convection section is large, 3.75-fold compared to that of the test
arrangement in [50] and the change is probably smaller. There is minimum fin spacing in the
convection section to allow cleaning. The deposit is typically mechanically removed and the
array of fins must not make it difficult. The fin spacing is more than double compared to the
optimal value calculated by the empirical correlation proposed in [49].
The convective heat transfer coefficient changes in the direction of the flow because of the
developing flow conditions and the changes in properties of gas. Kalman and Laor state that the
local heat transfer coefficient of a longitudinal fin depends on the location along the flow path in
the turbulent forced convection [27]. Naik et al. describe a significant improvement in the heat
transfer coefficient in the middle of the long rectangular fin compared to its end [49].
Verification measurements for the model of a finned convection section were conducted at the
laboratory of VTT Processes in Jyväskylä on an Arimax BIO 300 boiler. Results were also
compared with the field measurements on an Arimax BIO 500 boiler at Pori Forest institute in
Kullaa and with the measurements on an Arimax BIO 1000 boiler at the Sports Institute of
Finland in Vierumäki [50]. The boiler used at VTT was new, and the convection sections of the
boilers in Kullaa and Vierumäki had been cleaned just before measurements. According to the
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measurements the model seems to describe the effects of changes in the operating conditions with
reasonable accuracy. However, additional measurements are needed for convection sections of
different shapes or sizes to ensure an accurate result for a certain operating stage.
Using the model it is possible to study the performance of different convection sections equipped
with rectangular longitudinal fins of constant thickness, and it can be used as a tool for
dimensioning and development work. It also helps the operation staff to estimate an appropriate
cleaning period.
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5

HEAT EXCHANGER
5.1 Flue gas heat exchanger
5.1.1

Modelling

The flue gas heat exchanger (FGHEX) used in the boiler plant is shown in Fig. 6. The primary
flow of FGHEX is hot flue gas and the secondary flow is outside air which is preheated by the
exhaust gas heat exchanger. The heat exchanger is of a pipe-bundle type where flue gas flows in
pipes and outside air on the shell side. The cross-flow elements are arranged in a counter-flow
configuration, see Fig. 26.
n r ·s r
n rb· sr

n p · sp
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sp

df
di
do
dp
z
Supply air out

Supply air in (from
exhaust gas heat exchanger)

Flue gas in
(from boiler)

Exhaust flue
gas out

Figure 26. The principle construction of the FGHEXs in the pilot and demonstration plant (Paper
III).
The principle of modelling is similar to the modelling of the convection part. The calculation of
heat transfer coefficients is described in Paper III. Some simplifying assumptions are made. The
isolated heat exchanger is assumed to be fully tight and adiabatic, thus the leakage flow and heat
transfer from or to the environment are excluded. Also the leakage between primary and
secondary flows is excluded, but in the shell the leakage stream through the gap around the tubes
and by-pass stream through the gap between the baffle and the shell are taken into account. Also,
the effect of radiation is excluded because the diameter of the tubes and the partial pressure of
carbon dioxide and water vapour are small and the temperature of the flue gas is relatively low.
Finally, in calculating the convective heat transfer coefficient the effects of the entrance region of
turbulent flow and mixed convection are omitted, because the tubes are relatively long compared
to their diameter and the natural convection is assumed to be insignificant.
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5.1.2

Analyses

Fig 27 shows comparison calculations with changed mass flow rates and heat transfer surface
areas. The proportional heat output changes rather linearly according to changes in mass flows.
The heat transfer rate is low when the type of flow changes from turbulent to laminar. No sudden
decrease in the heat transfer rate appears.
Power of heat exchanger
Pressure drop, flue gas
Pressure drop, air
Temperature of air
Temperature of flue gas
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2

Relative mass flow rate of flue gas and air

Figure 27. Heat effect, pressure drops and outlet temperatures as a function of the rate of mass
flow of air and combustion gas (changed in the same proportion) (Paper I).
In Fig. 28 the comparison of four different flow arrangements is shown. Changing the
arrangement of flows influences the characteristics of the heat exchanger. Input data of
calculation is shown in Table 2. The boiler plant is operating at a peak load of 500 kW. The
molar composition of inlet flue gas is CO2(H2O)1.81(N2)7.81(O2)1.05Ar0.08.

51

Table 2. Input data of the FGHEX calculations.
Data of flows
Flue gas mass flow rate, kg/s
Air mass flow rate, kg/s
Geometry and material properties
Tube outer diameter, d o , mm
Tube wall thickness, (d o -d i )/ 2, mm
Fouling layer thickness, (d i -d f )/ 2, mm
Distance betw. adjacent pipes in the row, s p , mm
Distance between adjacent rows, s r , mm
Number of pipe rows, n r
Number of pipe rows in a baffled zone, n rb
Number of pipes in one row, n p
Distance between baffles, z *, m
Diameter of perforation in the baffle, d p , mm
Gap between the baffle and shell, mm
* z in heat exchanger type d, m
-1 -1
Heat conductivity of the tube material, W K m
-1 -1
Heat conductivity of the fouling, W K m

0.576
2.227
1. Section
42.4
2.6
0.5
60
80
10
5
11
1
44
2
1.5
52
0.12

2. Section
42.4
1.5
0.5
60
80
8
4
11
1
44
2
1.5
25
0.12

The heat exchangers have the same heat transfer area and tube geometry. The only exception is
heat exchanger type d which has only one baffle resulting in a larger cross-sectional area for the
secondary flow and thus a smaller velocity of air. The symbols describing the geometry of the
FGHEX are shown in Fig. 26.
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Figure 28. Comparison of four types of heat exchangers: a) counter-flow, b) parallel-flow, c)
mixed-flow with two baffles, d) mixed-flow with one baffle (Paper III).
A counter-flow type heat exchanger gives the highest outlet temperature of air. This is beneficial,
because after the heat exchanger, the air is led to combustion and drying. If combustion air
temperature increases, the propagation velocity of the ignition front in the fuel bed and the heat
effect of the boiler increase. If the drying air temperature increases, the needed mass flow rate
decreases. On the other hand, it is not desirable that the surface temperature of the inside wall of
the tubes falls below the dew point of water vapour in the flue gas. The dew point of the flue gas
is 56 °C, which on type a is broken up in cells 1 (34.6 °C) and 2 (48.5 °C) and on type c in cell 1
(47 °C), respectively.
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5.2 Drying exhaust gas heat exchanger
5.2.1

Modelling

The primary flow of the drying exhaust gas heat exchanger (DEGHEX) is moist exhaust gas from
the drying silo. Its temperature range is about 20 - 40 °C and it is nearly saturated. The secondary
flow is outside air, see Fig. 6. A flat-plate type was chosen due to low investment costs, see Fig.
29.
Exhaust air from silo
S pr Spl Sse

h
Supply air in
Supply air to flue gas
heat exhanger

Exhaust Supply
Air
Air

Exhaust air out
Condensate out

l

Figure 29. The principle construction of the DEGHEX in the demonstration plant (Paper III).
The principle of modelling is similar to that of the convection part. An additional matter is the
effect of condensation. The calculation of condensation and heat transfer coefficients is described
in Paper III. Some simplifying assumptions are made. Firstly, the heat resistance of the fouling is
excluded. Secondly, the isolated heat exchanger is assumed to be fully tight and adiabatic, and
the leakage flow and heat transfer from or to the exterior are excluded. Also, the leakage between
primary and secondary flows is excluded. Thirdly, the heat resistance of the condensate layer is
excluded and the outlet condensate temperature is assumed to be equal to that of the outlet gas.

5.2.2

Analyses

The comparison of different flow arrangements is shown in Fig. 30. The heat exchanger is
divided into 3 computational cells on the parallel-flow and counter-flow types, and into 9 cells on
the cross-flow type. The mass and heat balances of the cells are calculated by means of the heat
balance of a single plate [1, 5, and 51]. The procedure of the calculation is similar to that in the
case of the flue gas heat exchanger. The surface temperatures and air temperatures leaving the
different types of heat exchangers are shown in Fig. 30. The pressure drop of the heat exchanger
is calculated according to [1].

25

25

20

20
Surface Temperature [ºC]

Outlet Temperature of Supply Air [ºC]

54

15
10
5
0
-5

15
10
5
0
-5

-10

-10
0

-10
-20
-30
Outdoor Air Temperature [ºC]

Cross flow

-40

Counter flow

0

-10
-20
-30
Outdoor Air Temperature [ºC]

-40

Parallel flow

Figure 30. Outlet temperature and surface temperature in different types of heat exchangers
(Paper I).
Temperatures of the outlet supply air are shown on the left-hand side and the lowest surface
temperatures (in the middle of the computational cell) on the right-hand side depending on the
entering outdoor air temperature and the type of the heat exchanger. The rates of mass flow, heat
transfer area and the properties of the entering moist exhaust air of the drying silo are constant.
The outlet air temperatures are rather close to each other on different types of heat exchangers.
The temperature difference between the counter-flow and parallel-flow is 1 °C, when the outdoor
air temperature is 0 °C and 2 °C when -40 °C, thus the heat outputs are also almost equal. The
outlet temperature of the cross-flow heat exchanger is between these types. The surface
temperatures differ more. In regard to freezing, a critical outdoor temperature appears when the
lowest surface temperature falls below 0 °C. Freezing appears at an outdoor air temperature of 26 °C on a cross flow, -28 °C on a counter flow and below -40 °C on a parallel flow heat
exchanger at the critical rates of mass flows. In countries of temperate climate the counter-flow
heat exchanger is more beneficial than other types because the heat transfer rate is greater, see
Fig. 30.
The effect of DEGHEX in the system is illustrated in Fig 31. The DEGHEX reduces the
FGHEX’s heat output demand, which is needed to raise the drying air temperature to a sufficient
level. Furthermore, it improves the efficiency of the boiler plant by recovering some heat of the
exhaust gas to drying and combustion air. In that sense, this boiler plant operates in a similar way
as do the boiler plants with a flue gas condensing system; the exhaust gas heat exchanger
condenses a part of the water evaporated from the fuel particles. The input data of a case where
the moisture content of fuel is 45 % (wb) as received is shown in Table 3.
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Table 3. Input data of calculations. The symbols describing the geometry of the heat exchanger
are shown in Fig. 29.
Primary
15
15

Secondary
10
16

Thickness of the plate, s pl , mm
-1 -1
Conductivity of the plate material, W K m
Depth of the plates, I , m
Height of the plates, h , m

1.4
1.2
1
0.8
0.6
0.4
0.2
0

40
Air temperature, C

Massflow rate, kg/s

Heat output of the plant, kW
Heat output of the flue gas heat exch ., kW
RH%, outside air
RH%, drying exhaust gas

m1
m4

-30 -20 -10

0

10

20

Outside temperature, ºC

30

2
52
1
4

-30
500
101
80
86

Outside temperature t1, ºC
-20
-10
0
10
500
500
500
293
99
96
90
49
80
80
80
80
87
88
89
93
t2
t4
t5

20
10
0

40
Heating effect, kW

Distance between plates, s pr ,s se , mm
Number of passes, n pr , n se

20
125
7
70
32

Total
Condensatio

30
20
10
0

-30 -20 -10 0 10 20
Outside temperature, ºC

-30 -20 -10

0

10

20

Outside temperature, ºC

Figure 31. Mass flow rates, temperatures and the heat transfer rate of the DEGHEX. The notes of
mass flows and temperatures refer to Fig. 6 (Paper III).
In Fig. 31 the mass flow rates and inlet temperature are results of the heat and mass balance
calculations of the system. The mass flow rates decrease slightly when the outdoor temperature is
below 0 °C, because with a decreasing outdoor temperature, the damper, TV01, starts to shut
slowly. The temperatures of both flue gas (t7) and combustion/drying air (t3) are kept constant at
110 and 90 °C by the control system, respectively. While the outdoor temperature decreases, the
heat demand of the FGHEX increases. The mass flow rate of the combustion air is independent of
the outdoor temperature. Thus, the only adjustable variable is the mass flow rate of the drying air.
The damper, TV01 reduces both the primary and secondary mass flow rates of the DEGHEX.
The heat load of the boiler plant reduces when the outdoors temperature exceeds 0 °C, see Table
3, therefore also the mass flow rates decrease distinctively. The smaller the mass flow rate of the
fuel is, the smaller are the mass flow rates of all the gases.
By enlarging the plate area of the parallel-flow heat exchanger, practically no additional heat is
transferred. In the centre of Fig. 31 is shown that the difference of the outlet temperatures varies
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from 0.01 (t1 = 20 °C) to 2.3 °C (t1 = -30 °C). On the other hand, the minimum outlet temperature
of the primary flow is 4 °C (t1 = -30 °C) and there is a risk of freezing when changing the flow
arrangement into cross-flow or counter-flow. Furthermore, Fig. 30 establishes that no significant
increase in heat output is achieved with a cross-flow or a counter-flow type heat exchanger. This
is because of the large share of condensation in the total heat output of the exhaust gas heat
exchanger (68 - 88 % in Fig. 31, on the right).
When the outside temperature exceeds 0 °C, there is a jump in the primary inlet temperature (t4).
In this stationary modelling, it is assumed that at frost the fuel is icy and at 0 °C it immediately
melts. Because the drying air temperature is kept constant and no heat is needed for melting any
more, the temperature of the exhaust drying air increases by 2.3 °C in this example. Naturally
there also appears to be a temperature step in the outlet mass flows (t2, t5), too.
For reliability reasons, moving parts have not been applied to protect against freezing. The heat
output of the exhaust gas heat exchanger increases with increasing the heat load of the plant. In
that sense, the exhaust gas heat exchanger has self-regulation characteristics. On the basis of
Paper III, it can be concluded that without the exhaust gas heat exchanger the outlet temperature
of the flue gas will decrease below the dew point. On the other hand, when designing the system
so that the outlet temperature of the flue gas always remains above the dew point, the outlet
combustion gas temperature from the boiler should exceed 500 °C in the dimensioning condition.
This is considered to be difficult to realise without expensive solutions in the boiler designing.
Consequently, a practical alternative for the exhaust gas heat exchanger may be the storage of dry
fuel for the duration of extreme cold weather. The exhaust gas heat exchanger decreases the
yearly fuel consumption. With the initial values shown in the Table 3 and Fig. 31, the calculation
gives an estimate of 4.5 % for the yearly fuel consumption.

5.3 Discussion
One 40 kWth pilot plant was built purely for experimental purposes, and one 500 kWth
demonstration plant both for experimental purposes and producing heat to the users during the
development work.
One FGHEX was tested at the pilot plant and one at the demonstration plant. Both of them are of
a counter-flow type which was considered as the best type at the beginning of the study. This
choice caused condensation of flue gas at low outside temperatures and always during the startup of the plant. The partial load situations also lead to condensation, because no control (by-pass
or recirculation) of the flows is installed in those plants. It was observed that fly ash particles
stuck on the inner wet surface of the tubes causing fouling which finally resulted in a plug
preventing the flow in the condensing area. The condensate and particles formed a sticky solution
in the cells 1 and 2 where the tube surface was wet, see Fig. 28. After drying, the deposit was
difficult to remove. The thin easily removable layer of grey pulverized fly ash was discovered in
the tubes in cells 4, 5 and 6.
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Two DEGHEXs were tested at the demonstration plant. The first was a small-scale device mainly
for verifying the modelling and observing the operational characteristics and the second was a
full-scale device for minimizing the condensation problem of the FGHEX.
The dust leaving the drying silo causes fouling on the surfaces of the heat exchanger. To
minimize dust emissions a dust collector was installed between the dryer and the heat exchanger.
Because of the pressure loss of the primary flow, the drying air must be maintained over pressurised before the drying silo. The drying silo is open to the ambient air at the top and to the
screw feeder at the bottom. The over-pressure caused leakage of the moist air to the conveyor
channel and the fuel storage. This led to freezing problems in the fuel storage at frost. An extra
exhaust gas fan was installed after the heat exchanger.
The operational aspects of the whole system limit the possibilities to optimise the heat effect and
dimensions of the heat exchangers. The maximum inlet temperature to the heat exchanger from
the boiler type considered is approximately 400 ºC. If it increases, more expensive materials will
be needed in the combustion chamber and the probability of slag forming increases. The
softening temperature of wood ash is 1100 - 1200 ºC [52], but slagging may form at temperatures
clearly below this. Thus, adding the masonry of the walls of the combustion chamber increases
the risk of local slagging on the grate. The minimum exhaust flue gas temperature from the
FGHEX derives from the dew point of flue gas, being in the range of 70 - 100 ºC depending
among other things on the moisture content of fuel, and on the construction of the heat
exchanger. The temperature of the drying air must be clearly below 250 ºC which is the ignition
temperature of wood. The control strategy must ensure that the temperature does not even
accidentally exceed the chosen safety level. Due to emissions a maximum temperature of 100 °C
is recommended [17]. On the other hand, increasing the drying air temperature improves the
efficiency of the boiler plant. The maximum inlet air temperature depends on the dimensioning of
the exhaust drying gas heat exchanger. The dimensioning outdoor temperature in Finland is 26…-38 ºC depending on the region of the country. The inlet temperature to the heat exchanger is
in the range of 20 - 35 ºC and it is almost saturated. Consequently, the freezing risk limits the
minimum exhaust air temperature.
Calculating the combinations of extreme operating conditions (heat load, moisture content of
fuel, outside temperature) gives the input data needed for comparing different types of heat
exchangers, dimensioning the heat transfer area, choosing the control strategy and selecting
operating parameters and set-values of the control system. Using well-known engineering
correlations for heat and mass transfer, an adequate degree of accuracy between the model and
validating measurements was achieved.
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6. CONCLUSIONS
Efforts to restrict the emissions of greenhouse gases will increase the use of forest bio fuels. A
large range of moisture content is one of the most significant difficulties in combustion of wood
chips in the grate boiler plants. One possibility to manage the problem of varying moisture
content is to dry fuel with warm air at the boiler plant. This shortens and simplifies the fuel chain
but requires additional equipment to be supplied to the boiler plant. This thesis introduces two
alternative boiler plants with a convective warm air dryer. The first one dries wood chips for the
use of the plant itself. Outdoor air is heated in two stages, i.e., preheated with heat recovered
from the exhaust drying air and heated with heat recovered from the flue gas. In addition to the
dryer, the second alternative is also equipped with a sieve to produce fuel to the market. Outdoor
air is heated by a heat exchanger connected in parallel with the heating network. This kind of a
boiler plant has notable direct and indirect benefits. It gives farmers or other members of the
energy co-operative a possibility to earn extra income. The load of the boiler plant is more stable
than that in the traditional district heating use. Therefore, controlling of the combustion improves
and also problems of a minimum load use are avoidable. Indirect advantages are, among others,
savings in investments because the boilers can be designed smaller and simpler for small-scale
users due to the high quality of fuel. The grate area, heat transfer area and volume of the
combustion chamber decrease. The homogenous fuel enhances possibilities for an accurate
control of combustion, which improves efficiency and reduces pollutant combustion emissions
from small-scale boilers. The idea to use the reserve heating effect for drying is the principal
technical novelty of this study.
There are thermal interdependencies between the boiler, dryer and heat exchangers, and in
addition the ranges of heating load, moisture content of fuel and outdoor air temperature are
large. These features make the design of the boiler plant with a dryer complex. Therefore, the
objective of the study has been to develop models so as to better understand and predict the
thermal performance of the system in changing operational conditions. Six models are described,
two for each equipment under study, the dryer, the convection section and the heat exchanger.
A simplified energy and mass balance model as well as a deep bed model were developed for the
dryer. The energy and mass balance model was used for analysing the energy consumption, size
and fan power of the dryer. The deep bed model is based on the shrinking core single-particle
model. The single-particle model is implemented in the model of the deep bed. With this model
the profiles of MC inside the bed were calculated. The MC may increase from the initial value at
the back end of the bed where the water vapour condenses on the surface of the fuel particles.
Models for the dryer have been verified by measurements in the laboratory test rig in Satakunta
University of Applied Sciences. The calculated rate of evaporation compares well with the
measurements but the air temperature inside the bed differs more. Long-term practical operation
results were collected in a 40 kWth pilot plant and in a 500 kWth demonstration plant.
Drying of a fixed bed of material is clearly a two-stage process for a deep bed, if the short initial
heat-up period is not considered. In the first stage, the air outlet temperature is constant as shown
by the measurements and also predicted by the model. Then air at the outlet is practically
saturated and the mass release of water from the fixed bed is constant and the average moisture
decreases. In the second stage, the outlet temperature starts to increase and the humidity to
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decrease. The rate of drying decreases, and finally, the equilibrium moisture is reached, if the
drying time is long enough. Case analyses of the energy and mass balance show that specific
energy consumption for drying does not significantly depend on the drying air temperature. In
wintertime the specific energy consumption is slightly smaller with high drying air temperature
than with low temperature, but in summertime the situation is reverse.
A model was developed to calculate the heat transfer rate and pressure loss of the convection
section with tubes and another one for the convection section with a rectangular duct having an
array of longitudinal rectangular fins for flue gas. Contrary to expectations, the model for the
convection section with tubes underestimated the heat transfer rate of the convection section of
the 50 kWth pellet boiler approximately by 40 %. This is more than could be expected due to the
reported inaccuracy in the correlations for heat transfer in the literature. The accuracy with the
wood chip boiler was adequate. The effect of the entrance region was estimated as the most
uncertain part in the calculations, because it has notably a greater influence on the heat transfer
rate of the short tubes in the pellet boiler than on that of the long tubes in the wood chip boiler. A
method was proposed where the corrections are focused on the constants of the correlation of the
entrance region. After correction the model also predicted performance in the varying operating
conditions of the pellet boiler with a good degree of accuracy.
Case analyses showed that the portion of radiation of the whole heat transfer rate is small in
typical biomass boiler conditions. The portion of effect of the entrance region is 39 - 52 % in the
pellet boiler and the effect of natural convection is small mostly reducing the heat transfer.
Secondly, dividing the convection section into more passes causes the heat transfer rate to
increase, even if the heat transfer surface area is constant. This is because the effect of the
entrance region is multiplied. Thirdly, the heat transfer area is exploited in a more efficient way
by using smaller tube diameters, even if the bulk velocity of the flow remains constant. Further,
an increase in the heat transfer surface area by adding the number of tubes increases the heat
transfer rate only slightly. By reducing the diameter concurrently by increasing the number of
tubes, the cross-flow area can be kept constant and a greater improvement to the heat transfer rate
is achieved.
Heat transfer was modelled for the finned surface with a fouling layer. In a few details, this
modification differs from the equations derived for the clean finned surface. The assumption of
uniform base temperature was compared to the results from the finite element method. This
assumption is practicable in modelling. The heat transfer coefficient from flue gas to surface
showed clearly to be the most influential parameter affecting the heat transfer rate of the
convection section.
The model for the convection section with tubes was verified by laboratory measurements of the
50 kWth pellet boiler in the laboratory of the manufacturer and by field measurements of 4000
kWth wood chip boiler. The model for the finned convection section has been verified by
laboratory measurements of the 300 kWth wood chip boiler in the laboratory of VTT and by field
measurements of 500 and 1000 kWth wood chip boilers.
Two heat exchangers are described and modelled, a pipe-bundle type flue gas heat exchanger and
a flat plate type drying exhaust gas heat exchanger. As a result of the case analyses, a counter-
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flow type flue gas heat exchanger was found inapplicable to the boiler plant with a dryer. This is
because condensation of water vapour is unavoidable in the dimensioning conditions for this
type. Condensation makes the fouling sticky. On the other hand, the heat output is insufficient
with a parallel-flow type. Therefore, a mixed-flow type was found most appropriate. There,
cross-flow elements are arranged partly for counter-flow and partly for parallel-flow. A parallelflow type was found most appropriate as the drying exhaust gas heat exchanger because of the
smallest risk of freezing and nearly equivalent heat output with other types. The heat outputs
differ only slightly due to the big share of the condensation heat. The drying exhaust gas heat
exchanger decreases the required heat from the flue gas to the drying air by preheating the drying
air. This characteristic is indispensable in order to minimize condensation in the flue gas heat
exchanger. It also saves fuel by recovering heat from the exhaust drying air back to the system.
Its yearly fuel savings in the district heating example were estimated to be 4.5 %.
Fouling was detected as a major problem with the FGHEX. However, in the absence of
condensation, the increase in the fouling layer with respect to time was observed low. Fouling
was a problem also with the DEGHEX, but the condensation of moisture in the exhaust drying air
was not found to have an adverse effect on cleaning. After the installation of a simple dust
collector a reasonable cleaning period was achieved.
The model for the tube-bundle type flue gas heat exchanger was verified by measurements on the
40 kWth pilot plant and 500 kWth demonstration plants. The model for the flat-plate type exhaust
drying air heat exchanger was verified by measurements on the 500 kWth demonstration plant. A
reasonable accuracy for the models was achieved.
Mathematical modelling proved to be a useful means to develop a heating plant for moist and dry
bio fuel. Modelling of thermal behaviour of the plant helps in understanding interdependencies of
the two heat exchangers, the boiler and the dryer.
In this study, a concept by which wood chips of good quality (moisture, particle size) can be
produced for small-scale heating systems in connection with district heating has been developed.
The wood fuel of low quality is used in the plant itself. District heating plants using wood operate
much under their maximum effect most of the year during which the excess heat output can be
used for drying. In this way, the need and costs to build a separate heat producer for the dryer is
avoided. The production of marketable wood chips has also several beneficial effects on the heat
production of the plant itself, for example, during the summer season. In addition to this concept
the sub-systems (dryer, heat exchangers) have been discussed and studied by modelling for
technical optimization.
The production of marketable fuel in connection with district heating will promote the
commercial use of biomass in two ways. Firstly, the extra income from sellable fuel will improve
the economy of the heat entrepreneur. Secondly, good quality wood fuel improves the operation
and control of small-scale heating systems, which can lead to cheaper furnaces with lower
emissions.
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